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Refrigerant mass migration and redistribution are regarded as key factors affecting the cycling perfor­
mance of air conditioning and refrigeration systems. A dynamic model of an R134a automotive air 
conditioning system is presented as an example in this paper to capture the refrigerant migration during 
compressor shut-down and start-up operations. Model validation against experimental data demon­
strates the capabilities of the modeling approach in predicting the refrigerant mass migration among the 
components during shut-down, and the resulting refrigerant redistribution behaviors during start-up. 
These results represent the ﬁrst refrigerant mass migration prediction in a validated dynamic system 
model. In addition, the potential of the dynamic modeling method in performance evaluation for 
possible product designs and control implementation for system cycling performance improvement is 
discussed in this paper. 1. Introduction 
Air conditioning and refrigeration systems are widely used in 
modern society to transfer energy from one physical location to 
another. One common way to control these systems is by oneoff 
cycling operations. The systems operate in a cycling mode in which 
they stop and start the refrigerant ﬂow to modulate the amount of 
cooling or heating capacity provided to the enclosed environmental 
spaces. Automotive air conditioning systems [1], household 
refrigerator-freezers [2] and refrigerated transport systems [3] are 
examples of such systems. The compressor in the automotive 
systems is continuously cycled on and off for evaporator pressure 
regulation to meet the cooling requirements of the passenger 
compartment. Similarly, the food product temperature in the 
refrigerated cargo space is maintained within allowable ranges 
through compressor shut-down and start-up cycling operations 
thereby ensuring the food quality and safety in transport. 
The variations of refrigerant mass distribution in the oneoff 
cycling transient conditions have been experimentally studied in 
different system applications, such as residential heat pump 
systems [4e7], household refrigerator-freezers [2,8], and automo­
tive air conditioning systems [9]. All experimental results present 
the observation of refrigerant migration from the high-pressure 
components (i.e., condenser) to the low-pressure components (i.e., 
evaporator) during the compressor off period, and refrigerant : þ1 217 244 6534.
 
.
 redistribution from non-equilibrium state to steady-state refrig­
erant ﬂow conditions across the mass ﬂow components during the 
start-up. Cycling losses caused by the oneoff operations have been 
identiﬁed as well and quantiﬁed experimentally and analytically 
[1,2,5,6,8e15]. Among these studies, the refrigerant migration is 
recognized as the major contributor to the system performance 
degradation. The off-cycle migration necessitates the refrigerant 
redistribution during the on-cycle, which reduces the system start­
up performance, including a reduction in evaporator capacity and 
an increase in the system power requirements. Several possible 
designs to improve system cycling performance by controlling the 
refrigerant migration have been discussed in the literature 
[1,6,8,9,14e16]. Peuker and Hrnjak [9] report a 28% reduction in 
compressor energy during the ﬁrst 25 s of the start-up without 
cooling capacity losses when the refrigerant mass migration is 
prevented during the shut-down period. 
Attempts have been made to model the system thermal 
dynamics (i.e., pressure, temperature, refrigerant mass ﬂow rate) 
with compressor start-up and shut-down operations [14,17e25], 
but few results are available concerning the modeling of refrigerant 
migration behaviors. Murphy and Goldschmidt [19,20] present 
simulated refrigerant migration results in some partial system 
components during start-up or shut-down transients. The refrig­
erant mass transients after start-up have been simulated by Koury 
et al. [21], and Ozyurt and Egrican [26] compare the steady-state 
refrigerant mass distribution of the system model with experi­
mental measurements. Hermes and Melo [25] develop a ﬁrst-
principles household refrigerator model to simulate the system 
transients and point out the model potential in refrigerant 
Table 1 
Component physical parameters. 
Component Parameter Value Units 
Condenser Inlet header volume 0.0001332 m3 
Internal volume 0.0004271 m3 
Outlet header volume 0.0001332 m3 
Evaporator Inlet header volume 0.0001926 m3 
Internal volume 0.0005372 m3 
Outlet header volume 0.0001486 m3 
Accumulator Volume 0.001331 m3 
Liquid tube Fluid ﬂow length 4.91 m 
Hydraulic diameter 0.01 m 
Fixed oriﬁce Internal diameter 0.001823 m 
Tube Length 0.0762 m 
Compressor Volume 0.00022 m3 
Fixed displacement 0.0002147 m3/rev 
Pipes Compressor-to-condenser length 2.96 m 
Compressor-to-condenser diameter 0.01 m 
Fixed oriﬁce-to-evaporator length 0.25 m 
Fixed oriﬁce-to-evaporator diameter 0.01 m 
Evaporator-to-accumulator length 0.72 m 
Evaporator-to-accumulator diameter 0.015 m 
Accumulator-to-compressor length 1.53 m 
Accumulator-to-compressor diameter 0.015 m migration analysis during the cycling operation. Additionally, 
Cheng et al. [27] present a validated observer design approach to 
estimate the immeasurable two-phase zone length in the evapo­
rator during the start-up process, which can be used to track the 
refrigerant mass distribution in transients. The objective of this 
study is to simulate and validate the refrigerant mass distribution 
transients among the system components during the oneoff 
cycling operations, and to provide industrial practitioners with 
dynamic modeling tools to predict system performance (i.e., 
refrigerant mass migration) at varying conditions. In this paper, 
a dynamic model of an R134a automotive air conditioning system 
[9] is presented as an example to capture the refrigerant migration 
in compressor cycling operations. 
The rest of this paper is organized as follows. Section 2 describes 
the experimental system used for modeling and brieﬂy introduces 
the experimental study on the refrigerant mass migration investi­
gated in [9]. Using the switched modeling framework in [17], 
Section 3 presents a dynamic system model to simulate the 
refrigerant mass distribution behaviors in compressor oneoff 
cycling transients. Speciﬁcally, the heat exchangers are developed 
with different model representations to accommodate the transi­
tions of dynamic states, and keep track of the vapor and liquid 
refrigerant phase changes during transients. Model validation 
results are presented in Section 4 to demonstrate the capabilities of 
the developed model in capturing the refrigerant mass migration. 
Finally, the potential of this dynamic modeling approach in 
performance evaluation is discussed, and a conclusion section 
summarizes the main contributions of the paper. 2. Experimental system 
The experimental system used for transient modeling and 
validation is an R134a automotive air conditioning system con­
sisting of the following components: compressor, condenser, ﬁxed 
oriﬁce tube, evaporator, and accumulator. The components are 
installed into the experimental facility [28] with the same differ­
ence in vertical height as in the vehicle. The schematic of the 
experimental system is shown in Fig. 1. The system is instrumented 
with pressure transducers, refrigerant mass ﬂow rate meters, and 
Type-T thermocouples. As seen in Fig. 1 ball valves are installed on Press
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Fig. 1. Schematic of the eeither side of each component and, by closing these ball valves 
simultaneously, the refrigerant mass can be trapped in each section. 
Table 1 contains physical parameters of the system components, 
and complete descriptions about the experimental system set-up 
and component speciﬁcations are given in [29]. 
Peuker and Hrnjak [9] experimentally investigate the refrigerant 
mass distribution among the system components during the 
compressor shut-down and start-up period using the quick-closing 
valve method and refrigerant recovery techniques. The accuracy 
and repeatability of the refrigerant mass measurement approach 
are veriﬁed. Moreover, a transparent accumulator, along with 
transparent inlet and outlet tubes, is used to visualize the refrig­
erant ﬂow during the transient. The published experimental data 
are used for the validation of the dynamic model presented in this 
paper. The reader is encouraged to refer to [9,29] for further details 
regarding the refrigerant mass measurement method, experi­
mental results and analysis.  
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Fig. 2. Condenser model structure. 3. System modeling 
This section is divided into three parts. Using the switched 
modeling framework from [17], the component models are intro­
duced ﬁrst for simulating the cycling transients of the air condi­
tioning system. Second, methods to calculate the refrigerant mass 
in each component are presented, and the third part illustrates the 
simulation environment. 
3.1. Component modeling 
The automotive air conditioning system as shown in Fig. 1 is 
subdivided into ﬁve components, each of which is discussed below. 
3.1.1. Heat exchangers 
Most of the attention in the system modeling is paid to the heat 
exchangers, both condenser and evaporator. Since the compressor 
oneoff cycling operations produce very large transients, a switched 
moving-boundary modeling framework is developed and pre­
sented in [17] to describe the refrigerant transient responses. In 
particular, the heat exchangers are developed to accommodate 
different model representations. The dynamic state vectors in Eqs. 
(1) and (2) represent the condenser and evaporator conditions (i.e., 
pressure, enthalpy, temperature, and zone locations) at each 
instant in time. The pseudo-state technique [30] is applied to 
maintain the uniform state vector, independent of model repre­
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sentations. Each model representation is formulated in a nonlinear 
descriptor form in Eq. (3) as [31], with the uniform state vector ( xc 
* 
** 
xe). The coefﬁcient matrix Zð 
variables, and f ð x; uÞ is a forcing function containing mass and 
uÞ contains thermodynamic or x; 
** 
** 
energy balance terms. The interested reader is referred to [31] for 
a more complete modeling deﬁnition on the matrix Zð x; uÞ and the 
function f ð x; uÞ. An advantage of this switched approach is the 
tracking of the vapor and liquid refrigerant dynamic states in 
numerical simulation while ensuring refrigerant mass conservation 
during switches in system model representations. 
[ lThc1 Pc hc3 zc1 zc2 Tc1;w Tc2;w Tc3;w gc (1) * xc ¼ Fig. 3. Evaporator m* lT (2)[ ze1 Pe he2 Te1;w Te2;wxe ¼ ge Zð * f$Þ _ ¼ ðu x ** ** x; uÞ (3)x;
In this study, besides the modeling assumptions given in [17], 
additional assumptions are made as follows: 
- The micro-channel heat exchangers (see Fig. 1) can be modeled 
using a moving-boundary approach [32]. 
- The micro-channel heat exchanger is assumed to be a long 
horizontal single-pass tube with a reduced mass ﬂow rate by 
a factor of 1/n, where n is the number of parallel-passes. 
Furthermore, relevant physical parameters, such as heat 
exchanger mass and air-ﬂow cross-sectional area, are reduced 
by the same factor [32]. 
- Refrigerant maldistribution due to the parallel-passes is not 
considered in the heat exchanger model. 
- The headers of both heat exchangers are not taken into 
account. 
- The two-phase slip ﬂow can be modeled adequately through 
a void fraction correlation. 
- The air passing over the heat exchangers is assumed to be in 
dry conditions. 
Based on the switched modeling method and experimental 
study [9], the condenser is developed to consist of four different 
model representations in Fig. 2, and two different model repre­
sentations, as shown in Fig. 3, are used for the evaporator. The 
exchanger transients, where the mean void fraction gc and ge are 
dynamic states in Eqs. (1) and (2) are applied to describe the heat 
to represent the relationship between air inlet and outlet temper-
used for switching purposes [30]. The NTU method [30] is applied 
ature in the heat exchangers, as shown in Eqs. (4) and (5). The 
refrigerant-side governing equations are derived by considering 
mass and energy conservation in each zone (i.e., superheated zone, 
two-phase zone). Take the one-zone (two-phase) evaporator model 
in Fig. 3 for example, Eqs. (6) and (7) describe the two-phase 
refrigerant dynamics, and the pseudo-state equation (8) is used to odel structure. 
Fig. 4. Liquid tube model structure. 
Table 2 
System inputs for model validation. 
Input Step time Before Step time 
for shut-down shut-down for start-up 
Compressor speed 0 s 900 rpm 180 s 
Cond. air mass ﬂow rate 0.525 kg/s 
Evap. air mass ﬂow rate 0.156 kg/s 
Cond. air inlet temperature 35 -C 
Evap. air inlet temperature 35 -C 
Evaporator Units Value 
Pressure kPa 340.15 
Inlet enthalpy kJ/kg 118.92 
Refrigerant mass kg 0.16852 
Accumulator Units Value 
Pressure kPa 334.24 
Refrigerant mass kg 0.18272 
Compressor Units Value 
Inlet pressure kPa 328.33 
Outlet pressure kPa 1345.12 
Inlet temperature -C 4.92 
Outlet temperature -C 62.34 
Refrigerant mass ﬂow rate kg/s 0.034 
Table 3 
Model validation operating conditions. model the refrigerant enthalpy state in the inactive superheated 
zone by tracking the saturated vapor enthalpy. 
To;air;j ¼ Tw;j þ 
(
Ti;air - Tw;jexpð-NTUÞ
) 
(4) 
NTU ¼ 
aairAair
(
1 -
(
Afin=Aair
)(
1 - hfin;air
)) 
_maircair 
(5) 
ze1 dre1 dPe ze1 dre1 dge ¼ - (6) mi;e mo;e
_
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_
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dPe dt dt re1Vedgere1 re1 
re1Veze1 
( )
hi;e -he1 
( )
ho;e -he1-mo e;_¼ 
( )dhe2 ¼ K hg - he2 (8)dt 
The conditions to trigger the switch from the one-zone to the 
two-zone (two-phase and superheated) evaporator model are 
given in Eqs. (9) and (10), and are stated as, ‘the existence and 
further increase of excess vapor in the two-phase zone indicate the 
occurrence of the superheated zone in the evaporator.’ 
ze1ðge - getotÞ > zemin (9) 
and 
dge 
dt 
> 0 (10) 
where the term on the left side of Eq. (9) represents the normalized 1000 
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Fig. 5. Compressor speed input for validation. _
length of excess superheated vapor based on the mean void fraction 
value, and zemin on the right side is regarded as a tunable switching 
threshold indicating the minimum dimensionless length of the 
superheated zone within the total evaporator tube length. The 
reader is referred to [17] for detailed descriptions about the deri­
vations of governing equations in the different model representa­
tions, as well as switching schemes to simulate the cycling 
dynamics. 
3.1.2. Accumulator 
The accumulator is a key component in the automotive air 
conditioning system. Its primary function is to store excess refrig­
erant mass to ensure system capacity over a large range of oper­
ating conditions. Meanwhile, it captures two-phase refrigerant thus 
preventing damage to the compressor. Two dynamic states, 
refrigerant pressure Pac, and refrigerant enthalpy hac, are deﬁned to 
describe the refrigerant dynamics inside the accumulator. By 
applying mass and energy conservation principles, the governing 
mo;ac_
equations are given below. 
mi;ac -dPac drac dhacdrac 
1 dPac dhac- þ
d dt trac
¼ (11) 
¼
þ
dPac dt dhac dt Vac 
_mi;ac 
rac
( )
hi;ac -hac 
( )
hi;ac -hacðUAÞacðTamb -TacÞþ þ _mo;ac ð12Þ
Vac Refrigerant mass kg 0.05974 
Condenser Units Value 
Pressure kPa 1341.38 
Refrigerant inlet temperature -C  63  
Refrigerant mass kg 0.2196 
Liquid tube Units Value 
Refrigerant mass kg 0.36396 
Fixed oriﬁce tube Units Value
Inlet pressure kPa 1312 
Outlet pressure kPa 340.15 
-CInlet temperature 47.07 
Refrigerant mass ﬂow rate kg/s 0.034 
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Fig. 8. Evaporator air outlet temperature. where the term ðUAÞacðTamb -TacÞ represents the heat transfer rate 
from the ambient air to the refrigerant inside the accumulator. The 
heat transfer is considered since it inﬂuences the refrigerant mass 
migration of the accumulator. 
3.1.3. Liquid tube 
The liquid tube is treated as a separate component, since it 
involves dramatic refrigerant ﬂow dynamics in system shut-down 
and start-up transients as discussed in [19,20]. The authors in 
[19,20] choose two different approaches to model the liquid tube: 
a discretized volume approach in shut-down and a tank model 
method at start-up transients. In this study, a simpliﬁed switched 
liquid tube model with three different representations, shown in 
Fig. 4, is developed to represent the refrigerant migration, and the 
refrigerant pressure drop along the liquid tube is neglected. The 
structure of refrigerant-side mass and energy governing equations 
in each model representation is similar to Eqs. (11) and (12), and the 
mean void fraction glt in the liquid tube, which is a function of 
refrigerant pressure Plt and enthalpy hlt, determines the model 
switching criteria [17]. For example, the switch occurs from the 
two-phase mixture to the superheated vapor model (see Fig. 4) 
when the switching conditions, as given in Eqs. (13) and (14), are  
satisﬁed. 
glt > 1	 (13) 
and 
dglt > 0	 (14)
dt 
3.1.4. Fixed oriﬁce tube and compressor 
Since the dynamics of the mass ﬂow devices (ﬁxed oriﬁce tube 
and compressor) are generally an order of magnitude faster than 
those of the heat exchangers [31], these two components are 
considered to be static models. As presented in [19,20], the mass 
ﬂow rate across the ﬁxed oriﬁce tube inﬂuences the refrigerant 
pressure in both heat exchangers as well as the refrigerant mass 
distribution during the cycling transients. Therefore, an accurate 
valve model is necessary. Eq. (15) is used to calculate the oriﬁce 
mass ﬂow rate, where the ﬂow coefﬁcient Cf is determined via Model 
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Fig. 7. Evaporator pressure. 
600 
800 a semi-empirical mapping approach [33], and the refrigerant 
density rv is assumed to be a function of the refrigerant inlet 
conditions (i.e., liquidevapor mixture, or vapor) to the oriﬁce tube, 
as given in (16). 
pﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ 
m_ v ¼ Cf rvðPlt - PeÞ	 (15) 
( )
rv ¼ r Plt; hi;v	 (16) 
The compressor model illustrated in [17] has been demon­
strated to predict the refrigerant mass ﬂow after system start-up 
with sufﬁcient accuracy to be useful for simulation purposes. The 
compressor mass ﬂow rate is computed by: 
m_ k ¼ Vkukrkhvol	 (17) 
where Vk is the cylinder volume, uk is the compressor speed, and rk 
is the refrigerant inlet density. The volumetric efﬁciency hvol is 
found using a performance mapping approach similar to the one 
given in [33]. 3.2. Refrigerant mass calculation 
Approaches are explored here to evaluate the refrigerant mass 
distribution behaviors in the oneoff cycling operation. Poggi et al. 
[34] presents a summary of available refrigerant mass calculation 
methods in the literature. The authors in [34] also point out that 
the major challenge is the mass evaluation in two-phase 
components, such as heat exchangers. For general numerical 
simulation, the refrigerant mass migration in each system 
component can be obtained by Eq. (18) with known refrigerant 
inlet and outlet mass ﬂow rate conditions. An alternative way to 
evaluate the refrigerant mass distribution in heat exchangers 
during transients is using the mean void fraction gc and ge, which  
is an integral form of a local void fraction [30,35]. The Zivi void 
fraction correlation [36] is applied in this study, since it shows 
a good agreement with measurements as reported in [37,38]. 
The two-phase and single-phase (vapor or liquid) refrigerant 
mass calculations in the heat exchangers are given in Eqs. (19) 
and (20). 40 
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Fig. 9. Evaporator refrigerant outlet temperature. 
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Fig. 12. Refrigerant mass migration in the high-pressure components. ( )
Mcomponent ¼ Msteady-state þ m_ i -m_ o dt (18) Z 
( )
Mtwo-phase;exchangers ¼ grg þð1-gÞrf ztwo-phaseVexchangers 
(19) 
Msingle-phase;exchangers ¼ rsingle-phasezsingle-phaseVexchangers (20) 
The total refrigerant mass in the automotive air conditioning 
system (see Fig. 1) is described below. 
Mtotal ¼ Mexchangers þ Maccumulator þ Mliquid tube þ Mcompressor 
þ Mpipes 
(21) 
where the calculation of the single-phase refrigerant mass in 
components, such as superheated vapor in pipes, is based on the 
refrigerant density and component volume information. 3.3. Simulation environment 
To validate the refrigerant mass migration performance, the 
component models described above, along with pipe models con­
necting each component, are implemented in Thermosys [31], 
a Matlab/Simulink toolbox for simulation. The pipe models calcu­
late pressure drops between any two components. The inputs to 
each model are generally the outputs of other component models. 
For instance, the refrigerant inlet and outlet mass ﬂow rates are the 
evaporator model inputs, yet they themselves are the outputs of the 
ﬁxed oriﬁce tube and compressor model, respectively. The air-side 
heat transfer coefﬁcients in the heat exchangers are calculated by 
j-factor correlations [39]. The two-phase refrigerant-side heat 
transfer coefﬁcients are deﬁned by empirical equations. Speciﬁ­
cally, the two-phase refrigerant heat transfer correlation developed 
by Dobson and Chato [40] is chosen for the condenser, and 
the evaporator model uses the correlation from Wattelet et al. [41]. 
A Colburn moduluseReynolds number correlation [42] is applied 
for the single-phase refrigerant-side heat transfer coefﬁcient 800 
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Fig. 11. Total refrigerant mass in the system. calculation. More information about the heat transfer calculations 
in transients and numerical solution procedures can be found in 
[17]. 4. Model validation 
As mentioned in Section 2, the refrigerant mass migration 
experimental data presented in [9] are used for transient validation 
in this study. The model validation scenario, which is identical to 
the experimental scenario in [9], includes shut-down and start-up 
step changes in compressor speed (see Fig. 5) while maintaining 
the dry air-ﬂow rates across the heat exchangers. The interested 
reader is referred to [29] for experimental study regarding the 
effect of water vapor on the refrigerant migration during the cycling 
operations. The steps in system inputs for the model validation here 
are summarized in Table 2 along with the condenser and evapo­
rator air inlet temperature conditions. The compressor shut-down 
time period is 3 min. The operating conditions before system input 
changes, including the refrigerant mass distribution among the 
components, are listed in Table 3. 
By closing the ball valves shown in Fig. 1 simultaneously, the 
refrigerant masses are kept in ﬁve sections: compressor, condenser, 
liquid tube, evaporator and accumulator. The refrigerant mass 
distribution in each section is measured at the following times 
during the transient scenario: 0 (compressor turns off), 5, 10, 20, 60, 
180 (compressor turns on), 185, 190, 200, 220, 240 and 480. All 
times are in seconds. A total refrigerant mass of 1000 g is used for 
the experimental study, and the pressure and temperature 
measurements are taken every 1.5 s. 
The plots in Figs. 6e10 compare the experimental results with 
various system model outputs. During the off cycle, the refrigerant 
migrates from the high-pressure to the low-pressure components 
through the ﬁxed oriﬁce tube, which results in the heat exchanger 
pressure changes as seen in Figs. 6 and 7. The evaporator air outlet 
temperature, as shown in Fig. 8, increases towards the ambient 
temperature (35 -C) as the thermal mass of the heat exchanger and 
refrigerant mass inside approach an equilibrium condition. In 
addition, the system model predicts the transients of the refrig­
erant mass ﬂow rate across the compressor at start-up shown in 
Fig. 10. 400 
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Fig. 13. Refrigerant mass migration in the low-pressure components. 
Fig. 14. Switching schemes in the condenser. The total refrigerant mass comparison between experimental 
measurement and system model prediction is given shown in 
Fig. 11. The total refrigerant mass in the experimental system differs 
up to 2.7% from the target refrigerant mass of 1000 g as a result of 
the measurement technique used. The amount of refrigerant mass 
is maintained in the transient simulation, which further proves the 
validity of the switched modeling approach discussed in Section 3. 
There are three main reasons accounting for the approximately 10% 
mass prediction deviation: 
- The volume of heat exchanger headers is neglected in the 
modeling process. 
- The refrigerant mass in the compressor Mcompressor (see Eq. 
(21)) is neglected in the total refrigerant mass calculation, since 
there is little change to the refrigerant amount in the 
compressor [7,9]. 
- The impact of choices of void fraction correlations on the 
refrigerant mass evaluation is discussed in [34,38], and the Zivi 
correlation [36] used here underestimates the refrigerant mass 
against the experimental results with a maximal deviation of 
10%. 
The refrigerant migration during the transient scenario is 
described in Figs. 12 and 13. The experimental results show that 
before the system turns off, 58% of the total refrigerant mass is 
located in the high-pressure components (condenser and liquid 100 
200 
300 
400 
)g(
ssa
M
Model 
Data 
0 60 120 180 240 300 360 420 480 540 
Time (s) 
Fig. 15. Refrigerant mass migration in the condenser. tube). Three minutes after the compressor is stopped, only 11% of 
the total refrigerant mass is found in these components (see 
Fig. 12). It can also be seen that the majority of the mass migration 
takes place in the ﬁrst minute after system shut-down, and the 
refrigerant redistribution during start-up is almost completely 
achieved after 1 min [9]. To quantify the model performance, 
a mass prediction error method, as computed in Eq. (22) with the 
root mean square (RMS) value, is applied here. N ¼ 12 is the number 
of data samples available. Approximately 8% error is found in pre­
dicting the refrigerant mass migration in the high-pressure 
components, and the prediction error is 4% for the migration in the 
low-pressure components as shown in Fig. 13. 
vﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ u ( )2 u P12 
1 t k ¼ 1 Mmodel;k -Mexperiement;k 
Eerror ¼ (22)Mtotal 12 
Fig. 14 describes the dynamic switching of different model 
representations in the condenser model structure (see Fig. 2) for 
this validation scenario, where relevant switching criteria are dis­
cussed in [17]. The condenser model switches from the initial 
three-zone (superheated, two-phase and sub-cooled) model to the 
ﬁnal one-zone (superheated) model during the off cycle. The vapor 
and liquid refrigerant transients are tracked through the model 
switching techniques, which enables the calculation of refrigerant 
mass variations using Eqs. (19) and (20). The refrigerant mass 
migration in the condenser component is given in Fig. 15, while 
Fig. 16 presents the refrigerant migration inside the liquid tube 
component. Two minutes after system shut-down, the liquid tube 
is ﬁlled with superheated vapor, which agrees with the experi­
mental observation [9]. The initial high compressor mass ﬂow rate 
(see Fig. 10) and low oriﬁce tube mass ﬂow rate explain the over­
shoot of the refrigerant mass migration in the condenser in the ﬁrst 
20 s of the start-up. 
As shown in Fig. 13, prior to system start-up, over 80% of the 
total refrigerant mass is located in the low-pressure components 
(evaporator and accumulator). The experimental study [9] shows 
that the evaporator is starved 5 s after the start-up operation, 
which coincides with the occurrence of superheated vapor at the 
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Fig. 16. Refrigerant mass migration in the liquid tube. 
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Fig. 17. Evaporator two-phase and superheated zone length trace in transients. evaporator outlet, since the relatively warm thermal mass of the 
evaporator leads to the evaporation of the refrigerant inside, and 
the refrigerant mass is migrated towards the condenser before 
returning to the steady-state distribution as described in Fig. 15. 
Similar phenomena are observed in [8,11], and Fig. 17 highlights the 
dynamic switching in terms of the length traces of two different 
zones in the evaporator model. The evaporator model stays in the 
one-zone (two-phase) model representation (see Fig. 3) during the 
shut-down transients, where the normalized length of the super­
heated vapor zone is set to be 0.5% of the total evaporator tube 
length, and the pseudo-states [17] are applied to represent the 
dynamics of this inactive superheated zone. A switch occurs from 
the one-zone to the two-zone (two-phase and superheated) model 
after start-up, since the switching conditions described in Eqs. (9) 
and (10) are satisﬁed and the superheated zone becomes active. 
The normalized superheated zone length is tracked until it 
becomes less than the switching threshold (0.5%), and then the 
two-zone evaporator model representation switches back to the 
one-zone model for steady-state conditions, as presented in Fig. 17. 
The zone lengths are dimensionless and normalized based on the 200 
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Fig. 18. Refrigerant mass migration in the accumulator. total evaporator tube length to add up to one. The accumulator 
holds 56% of the total refrigerant mass before start-up, and Fig. 18 
presents the refrigerant mass migration inside the accumulator. 
During the off period, the pressure gradient drives the refrigerant 
migration from the evaporator to the accumulator component in 
the ﬁrst 60 s, and the migration continues as a result of the 
temperature gradient [5,6,9,11]. During the ﬁrst 20 s of the system 
start-up, 35% of the total refrigerant mass leaves the accumulator. 5. Conclusions and future work 
This paper presents dynamic modeling tools to capture the 
refrigerant mass migration during compressor shut-down and 
start-up operations in air conditioning and refrigeration systems. 
A dynamic R134a automotive air conditioning system model is 
introduced using the switched moving-boundary modeling 
approach proposed in [17]. The heat exchangers, along with the 
liquid tube, are developed with switched model representations to 
accommodate the refrigerant phase changes in cycling transients. 
The validation against experimental data from [9] shows that the 
system model is able to well predict the refrigerant mass migration 
among the system components during the shut-down period and 
the refrigerant redistribution after system start-up, with the mass 
prediction error between 4% and 8% for the speciﬁc example given 
here. Based on previous experience [17], it is anticipated that mass 
migration prediction errors would remain on the order of 10% or 
less for other similar scenarios. The results demonstrate the validity 
of the dynamic modeling approach presented. To the authors’ 
knowledge, these represent a signiﬁcant contribution since they are 
the inaugural presentation in the literature of a validated dynamic 
system model which captures the refrigerant mass migration in 
cycling operations. 
The potential of the dynamic modeling tools can be investigated 
in the following two aspects, which are the focus of future work. 
- Performance evaluation. With the developed modeling 
approach, it is possible to evaluate the refrigerant mass 
migration for different operating conditions (i.e., ambient 
temperature, different refrigerant ﬂuids) and therefore predict 
the cycling performance of current air conditioning and 
refrigeration systems. Other objectives, such as different 
component designs or total refrigerant mass minimization, can 
be evaluated for transient scenarios. 
- Control implementation. As discussed in Section 1, the refrig­
erant migration and redistribution have been identiﬁed as 
a major reason for the cycling losses. However, it is not always 
feasible to improve the system performance by completely 
avoiding the migration during the off period [15]. Therefore, it 
is important to investigate various means of operating the on 
and off cycles to both meet performance requirements and 
simultaneously manage refrigerant distribution. This balance 
can be achieved by adjusting the timing or duration of the on 
and off cycles. Another interesting option is the variation in the 
start-up and shut-down proﬁles to include ramping up and 
down the compressor speed. Regardless of the strategy, the 
modeling and simulation tools presented here offer a key 
enabler for considering various types of advanced control 
strategies to accomplish the aforementioned balance. Acknowledgements 
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Nomenclature 
Symbols 
A	 area [m2] 
c	 speciﬁc heat [kJ kg-1 K-1] 
C	 ﬂow coefﬁcient [dimensionless] 
E	 mass prediction error [dimensionless] 
f	 forcing function 
h	 refrigerant enthalpy [kJ kg-1] 
K	 gain in the pseudo-state equations; currently set to ﬁve 
[s-1] 
M	 refrigerant mass [kg] 
m_	 mass ﬂow rate [kg s-1] 
NTU	 number of transfer units [dimensionless] 
P	 refrigerant pressure [kPa] 
_Q heat transfer rate [kW] 
T temperature [-C]
* 
u input 
V volume [m3]
* 
x state vector 
Z coefﬁcient matrix 
Greek letters 
a	 average heat transfer coefﬁcient [kW m-2 K-1] 
g	 mean void fraction [dimensionless] 
r	 density [kg m-3] 
h	 efﬁciency [dimensionless] 
z	 fraction of heat exchanger length covered by zone, also 
called normalized zone length [dimensionless] 
Subscripts 
ac	 accumulator 
amb	 ambient 
c	 condenser 
c1, c2, c3 superheated, two-phase, sub-cooled zone in the 
condenser 
e	 evaporator 
e1, e2	 two-phase, superheated zone in the evaporator 
etot	 complete evaporation from saturated liquid to saturated 
vapor 
f	 saturated liquid 
g	 saturated vapor 
i	 inlet 
j	 zone number; for the condenser, j˛f1; 2; 3g
(1, superheated; 2, two-phase; 3, sub-cooled); for the 
evaporator, j˛f1; 2g (1, two-phase; 2, superheated) 
lt	 liquid tube 
o	 outlet 
v	 oriﬁce tube 
w	 heat exchanger structure (wall) 
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